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Abstract

Noise is a well known challenge in hydraulic systems. Hydrostatic machines are among

the largest noise contributors in a hydraulic system. The noise from the machine origi-

nates from flow pulsations at the discharge and suction ports, as well as pulsations in

piston forces and bending moments. This article investigates the dynamic behaviour of

unsteady flow through a valve plate in an axial piston pump. The proposed extension of

the steady state restrictor equation includes a dynamic internal mass term and a resis-

tance. The results from 1D model are validated with a 3D CFD model. Different valve

plates’ configurations and pump sizes are easily simulated with the two simulation mo-

dels. The simulation results show very good comparison with experimental tests. The

proposed method is verified with a hydraulic pump application but it can probably also

apply for original restrictors too.
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1 Introduction

Pumps and motors are two of the main noise contributors in a hydraulic system. The

pump delivers a mean flow with superimposed ripple containing a kinematic and a com-

pressible part depending on the limited number of pumping elements and the finite stiff-

ness of the oil. The flow ripple interacts with the pipe walls and creates a pressure wave

which propagates through the connected pipeline system and if the cross-section of the

pipes changes, through a valve or other intermittencies which interrupt the pressure wave,

the wave will be partially reflected back in the pipeline and a standing wave is created. In

addition to the fluid-borne noise, pulsations in piston forces and bending moments create

noise as well as cavitation. Cavitation occurs when the pressure falls below a certain

saturation level and air is released from the oil. When the pressure subsequently rises,



the air bubbles implode and major fatigue and noise are created. This can occur in very

small areas inside the pump and is rather difficult to predict.

In the design phase, it is important to be able to predict the dynamic behaviour of the

pump. Development of a new product is faster with a good simulation model, which

reduces development costs and shortens time to market. In the early design phase, the

simulation is preferably fast and may be connected to optimisation algorithms while in

later stages of the design phase a more advanced model is suitable for more exhaustive

investigations of phenomena, e.g. cavitation. Regardless of the simulation method the

models have to be verified by measurements.

Designing high performance hydraulic machines requires a good, accurate dynamic si-

mulation model. The researchers have investigated the dynamic behaviour in hydraulic

valves and discovered that the pressure drop at unsteady flow can not be described by

their steady state equation, /1; 2; 3/. In addition, many researchers have found that the

inertance on the passageways has an important impact of the dynamic behaviour of com-

ponents. The dynamic behaviour of a fluid power component is strongly dependent on

the hydraulic inductance and hence the inertia of the fluid in the passageway /4/. In /5/ the

inertance at the valve plate in an axial piston pump is considered. The authors found that

the inertance, particularly in pressure relief grooves, strongly influences the flow pulsa-

tion. /6/ shows that inertance affects the flow ripple in vane pumps. This paper takes both

the inertance and the unsteady flow into consideration when modelling the flow pulsation

created at the valve plate in an axial piston pump.

The motivation of this article is to investigate the reason for some particular oscillations

which appear in some pump designs, mainly when the pump creates heavy flow pulsa-

tions. This was earlier examined in /5/. The oscillations discussed in this article appear

even if the pressure relief grooves is not apparent, which is not clearly verified in /5/. In

/7/ the oscillations were explained by the flow spectrum being truncated, i.e. 3 kHz which

was used was not sufficient to describe the complete source flow.

The one-dimensional simulation model is made in the free simulation package HOPSAN

/8/. The program is built on transmission lines which makes the simulation fast and sui-

table in the early design phase. The results in section 3 compare the 1D simulation model

to a high fidelity three dimensional (3D) computational fluid dynamics simulation model

(CFD), /9/. The flow simulations are validated by the anechoic termination method, /10/.

The method is based on there being no reflective waves in the system. This means that

pressure ripple is the same in the whole system if viscous friction in the pipe can be

neglected. The method is simple but does not give both the source flow and source im-

pedance from the pump. The method is suitable for pumps with high impedance outlet

channels, i.e. small volume and leakage.



The article uses an axial piston pump, both bent axis and swash plate types, as the object.

However, the modelling approach can be applied in other pump models too. The used

object has a clearly unsteady pulsating flow though a variable restrictor, which makes it

an obvious component to apply the technique to. The approach is probably also suitable

for ordinary restrictors.

Section 2 begins by explaining how the 1D simulation is built for pump flow pulsations

and continues with the extension of the steady state orifice equation. The 3D model is

then introduced. The results from both simulations and measurements are presented in

section 3. The article ends with a discussion section and some final remarks.

2 Simulation methods

Simulation can be performed with different levels of complexity. The user’s purpose with

the model varies: Study parameter variation in new or improved components; investigate

behaviours of a component or system; study failures and problems in already existing

features. In the pump case, the level of complexity depends on the purpose of the simu-

lations. In a system level investigation, a typical pump flow ripple is more important than

how the flow ripple is created. In /11/ a typical pump flow ripple is simulated with just

two parameters. However, when the pump itself is the feature of interest, a more com-

plex model is needed. In section 2.1, the 1D simulation model is explained, including the

proposed method to model the unsteady flow through a restrictor. Section 2.2 contains a

short description of the 3D CFD model.

2.1 1D simulation model

A one-dimensional model is made in the simulation program HOPSAN, /8/, which is

mainly used for hydraulic simulations. The components are implemented with transmis-

sion line theory, TLM, e.g. /12/. The pump model used in this paper originates from /13/

and further developed in /14/. HOPSAN uses distributed model structure which makes

the calculations very effective due to allowableness of distributed solvers and numerically

stiff due to the finite signal propagation speed. The pump model is distributed to indivi-

dual components, i.e. each cylinder in the pump, two orifices per cylinder representing

opening to high and low pressure port respectively, etc. In this way the system is kept

close to reality. This is illustrated in figure 1(a).

Figure 1(b) illustrates how the flow is modelled in Hopsan. Each cylinder’s capacity is mo-

delled with a single volume. The size of the volume and the bulk modulus changes during

simulation according to the piston motion and the pressurisation. The volume size and

bulk modulus represent the compressible flow ripple and are modelled as equation (1)

while the piston motion represents the kinematic flow ripple.

qcomp =
V

βe

dp

dt
(1)
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Figure 1: Illustration of the modelling technique for the 1D model in HOPSAN.

V is the cylinder volume, βe is the effective bulk modulus of the oil and dp
dt

is the pressure

change inside the cylinder.

In previous measurements of flow, e.g. /7/, it was found out that the already developed

axial piston pump model in Hopsan does not fully describe two-microphone method /15/

was used for these measurements. In some measurements of a particular feature and

operation conditions there is an oscillation of the flow which is not earlier clarified in the

under certain simulation model. The measurements were made up to 3 kHz and the

additional frequency is above that frequency. The explanation for the poor results for in

particular zero-lapped valve plate was that the flow spectrum was truncated, i.e. 3 kHz

was not sufficient to describe the complete source flow.

The variations in the bulk modulus due to pressure changes from inlet to outlet and also

the air content are modelled according to the tangent value, equation (2).

βe =
βoil

1+ x0

κ p

βoil

1−x0

(

p0

p

)
1
κ

(2)

The pressurisation and depressurisation in the cylinders occurs very fast and can the-

refore be assumed to be adiabatic. The cavitation is protected by limiting the lowest

pressure in each cylinder. The method is assumed to be satisfactory if cavitation is sup-

pressed.

The valve plate opening and closing to the ports are modelled with the steady state

equation for a turbulent restrictor according to equation (3).

q=CqA

√

2

ρ
∆pvalve (3)

∆pvalve is the pressure drop over the valve. Cq is the flow coefficient and is known to be

a function of the Reynolds number and the area difference between the orifice and the



pipe. The value is very difficult to estimate in the pump environment and the standard

value for turbulent hole orifice of 0.60, /16/, is therefore chosen. The equation is not

completely correct at unsteady flow through the orifice but the approximation is justified

in most cases. The equation is not quit valid for non-linear dynamic flow. The dynamic

flow through an orifice has been studied earlier, e.g. /1; 3/; however, no clear modelling

technique has yet been explained.

The proposed extension of the steady state restrictor equation includes a dynamic in-

ternal mass term which is illustrated in figure 2(a). The pressure indexes are p1 − p2 =

∆pori f ice and p2 − p3 = ∆pmass. figure 2(b) and 2(c) shows the jet flow which creates the

internal mass at the valve plate opening.
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(a) Illustration of the steady state ori-

fice and the internal mass model.
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(c) Internal mass of the jet flow from

the valve plate opening.

Figure 2: Modelling of the internal mass dynamic behaviour.

The pressure drop due to internal mass can be calculated as equation (4). This equation

neglects the oil’s compressibility. The pressure drop includes a resistive and an inertial

term /17/.

∆pmass = L
dq

dt
+Rq (4)

By using equation (3) and (4), the total pressure drop over the valve ptot = p3 − p1 is

calculated as:

∆ptot = L
dq

dt
+Rq+

q2ρ

2C2
qA

2
(5)

The inertial term is represented by the inductance L which is commonly calculated as

equation 6.

L=
m

A2
=

leρ

A
(6)

where m is the internal mass created by the volume of the jet flow in the orifice at the valve

opening, figure 2(c). For circular restrictors, the term le represents the effective length of

the restrictor and is commonly expressed as.

le = lori f ice+ cdori f ice (7)



le is not easy to determine. In /18/, the circular restrictor should be lengthen by π
4
< c< 8

3π

due to jet stream effects. These values are for a single expansion or contraction while

in the valve plate restrictor the end correction is for a double-ended restrictor and hence

twice as big. The value varies due to the length of the restrictor and the value is developed

from an infinite pipe wall diameter. In /19/ the effective length is numerically determined

for zero mean flow in three different orifices; circular orifice, spool valve orifice, and poppet

valve. The inductance is independent of the mean flow and only the geometric of the

orifice and the fluid density. This was proved in /20/ with CFD simulations while in /19/ the

author is not entirely convinced. The values can not be applied directly to the restrictor

in the valve plate, hence the opening is not a circular orifice, the dynamic flow is not

considered, and also the none-zero mean flow may have effects on the inductance. The

effective length is calculated according to equation (8) with lori f ice = 0 and c= γ.

le = γdh where dh =
4A

Θ
(8)

dh is the hydraulic diameter of the restrictor. According to calculations made in /19/, the

factor γ should decrease by the level of contraction. However, due to the complexity of

deciding the effective length, γ assumes a constant value.

R is the resistance and is obtained from derivation of the whole system, i.e. equation (5).

The value of R become a function of A and m according to equation (9).

R=
ṁ−

mȦ
A

A2
(9)

In /21/, a more general derivation of a dynamic restrictor is shown including resistance.

In /3/, measurements of unsteady flow through a sharp-edge orifice are performed. The

paper considers the question of whether the model’s steady state characteristics such as

equation (3) can be used to describe a dynamic flow through the orifice. The unsteady

characteristic of non-linear pressure drop in a restrictor varies with a delay when the flow

rate is changed. It is assumed to take some time for the turbulent jet flow to change

structure after a flow change. The pressure drop can be explained mathematically by the

three different kinds of pressure drops. The parameter is estimated from measurement

data. In this article, the measurements presented in /3/ are used to verify the proposed

method and there is very good accuracy between the theory with internal mass and the

measurement in the article. The parameter γ ≈ 1.1 which is slightly smaller than the

parameter value in pump simulations at infinite pipe diameter dp. γ is dependent on the

pipe diameter and hence the value is difficult to compare directly. Also, the damping factor

can not be found with the information in the article.

2.2 3D CFD model

The 1D Hopsan simulation model is compared with a CFD model which is created in the

commercial program Pumplinx from Simerics, Inc /9/. The code builds on Navier Stokes



formulation of a controlled volume. The simulation program is mainly built for positive

displacement pumps and motors. The program has been tested for different types of

pumps/motors, mainly from a cavitation point of view, e.g. /22; 23; 24/. A cavitation

model from /25/ is implemented; however, the inlet pressure when comparing the 1D

model and the 3D model is chosen high to avoid the mismatch as much as possible for

the inlet flow results. The comparison for the outlet flow pulsations is not affected as long

as the inlet pressure is slightly boosted, 2-3 bar.

With the 3D model, the pump can be easily reshaped and tested in a simulation environ-

ment, which is similar to real measurements. However, simulations are always simula-

tions and the results should be treated thereafter, i.e.with caution.

3 Results

To verify and validate the 1D model with the internal mass included, several different

measurements and simulations are performed with various operation conditions and

pump features. Three different valve plates, zero-lapped, pressure relief groove and pre-

compression angle, are used to illustrate the models’ different behaviour. Zero-lapped

valve plate implies that right at the bottom dead centre, the cylinder closes to the low

pressure kidney and opens up to the high pressure kidney, i.e. no pre-compression of

the fluid before entering the high pressure kidney. The pressure relief groove valve plate

has a groove at the entrance to the high pressure kidney and is designed to create small

flow pulsation at the operation conditions used in this article. The pre-compression valve

plate has a rather large pre-compression angle, which implies a big pressure overshoot.

All the results show one period, i.e. 2π/z, where z=7 in the simulated example.

The results from simulating the source flow with and without the internal mass are shown

in figure 3 when zero-lapped valve plate is used. The major difference between simu-

lations with and without internal mass is the pulsating flow ripple when the zero-lapped

valve plate is used. The increased oscillation can be seen in the frequency domain by

increased amplitude at about 4 kHz. The momentum of the reverse flow into the cylinder

is high and gives a high excitation of the oscillations.
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Figure 3: The 1D model when the cylinder capacity is simulated with a volume and no

internal mass (dotted line and bars) and with internal mass (solid line and dots).

Figure 4 shows typical results for pump simulations including internal mass compared



with the CFD model. The valve plate is of zero-lapped design.
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Figure 4: Internal mass simulation with 1D model compared to the 3D CFD model, dotted

lines and bars and solid lines and dots respectively. The rotational speed is 1000 rpm and

outlet pressure 100 bar on the top row while the bottom row shows an operating condition

of 2,000 rpm and 200 bar.

The 1D model is also verified with measurements, shown in figure 5. All three valve

plates are used for verification. The flow is rather undamped in the measurements for

zero-lapped valve compared with simulations. The measurement system was perhaps

not completely reflection-free. Some discontinuities such as variations in the pipe cross-

section area may exist. The attenuation in simulation is lower than in measurements. The

reduced oscillation when pre-compression angle and pressure relief groove are used can

be clearly seen. The zero-lapped valve plate gives high oscillations compared to the

other valve plates where the pressure build-up is smooth. The pre-compression valve

plate builds up too much pressure and when the cylinder connects to the high pressure

kidney the excitation energy goes out to the port volume, which damps the oscillations.
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rements, dashed line and solid line respectively. The rotational speed is 2,000 rpm and

outlet pressure 200 bar.



Different displacements of the pump are simulated with the 1D model and the 3D model.

The normalised source flow is shown in figure 6. The oscillation frequency is slightly

reduced. However, the two different simulation models have similar behaviour. The dam-

ping is in general higher in the 3D CFD model. The oscillation frequency is ≈ 2600 Hz for

the large pump (200cm3) while the frequency increases to ≈ 6500 Hz for 8cm3 at 2000

rpm and outlet pressure at 200 bar.
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Figure 6: Normalised source flow for increasing displacement, i.e. left to right 8 cm3/rev,

40 cm3/rev and 200 cm3/rev. Upper row shows the 1D model, the lower row the 3D CFD

model. The rotational speed is 2000 rpm and outlet pressure 200 bar. Note, the 40

cm3/rev pump drives with a lower inlet pressure.

4 Discussion

The choice of simulation model is dependent on the purpose of the simulation, except that

all the models should be accurate for the investigated phenomena. A general and func-

tionality study of new or improved existing features, especially parametric investigation in

combination with an optimisation algorithm, should be fast and simple to be convenient to

use. In later stages of the development phase and even for already marketed products,

a more exhaustive investigation of the flow dynamics inside the cylinders and pipes may

be needed and a heavier calculated simulation model is justified. As computer hard-

ware develops, it is possible to refine the simulation model and more detailed studies are

possible. However, the calculation time is still an important restriction when simulation

software is chosen. It is of importance to be able to simulate advanced processes like

source flow in a simple and fast manner.

The less attenuation that the 1D model shows may be due to the calculation of the re-

sistance. The resistance is calculated as one-dimensional, which may make it smaller

than in reality. The 3D CFD model as well as measurements includes additional pheno-

mena which may increase the damping. Flow losses are one phenomenon which is not

completely included in the 1D model. There are small differences in the frequency of the

oscillation between the measurement and the simulation models. This may be caused by

the simplified calculation of the inertance and thus the effective length. The mean flow



may also have some impact on the oscillation. In the measurements, the frequency of

the oscillation may be reduced due to external system which can not be fully eliminated

in the measurements. However, both the divergence in frequency and damping are of

less importance and the major behaviour is accurately simulated. The method gives very

good accuracy for scaled pumps. The decrease in frequency when the pump displace-

ment increases is accurately simulated. The oscillated frequency for a big pump provides

oscillation at a significant frequency with relatively high energy content.

The proposed model with internal mass, calculated from the jet flow from the orifice,

improves the accuracy at larger pressure derivatives, e.g. zero-lapped valve plate and

similar when the superimposed flow appears. A bigger pump is also simulated, a scaled

version of the smaller pump, and the 3D model and 1D model are comparable. No major

differences can be seen for a well designed valve plate between simulations with and

without internal mass, which implies that previous investigations have been accurate.

The internal mass approach is also compared to the measurement results in /3/ with very

good accuracy. The models are verified with measurements at reflection free condition.

The study shows the importance of adding inductance and resistance when simulating

dynamic behaviours.

5 Conclusion

This paper explains the superimposed flow pulsations that occur in some pumps addi-

tional to the kinematic and compressible flow pulsations. The proposed method adds

a non-linear dynamic term to the steady-state restrictor equation. The 1D model in the

simulation program Hopsan is compared to a 3D CFD model of the pump. Also, source

flow measurement is used to validate the simulation model. An unsteady flow through a

restrictor creates a flow ripple which can be modelled by the inductance and resistance

of the jet flow. The damping is satisfied by the derivation of the flow equation. The induc-

tance is dependent on the hydraulic diameter and an end correlation parameter γ, The

value is between 1.3 and 1.5 of all tested pump configurations. The proposed approach

of adding non-linearity for dynamic flow in the valve plate opening in an axial piston pump

can most probably also be used in ordinary restrictors. The example with a pump in this

article has an obvious unsteady flow through an orifice.

References

/1/ E H Jones Jr and R A Bajura. A numerical analysis of pulsating laminar flow through

a pipe orifice. Journal of Fluids Engineering, 113(2):199–205, 1991.

/2/ T Hayase, P Cheng, and S Hayashi. Numerical analysis of transient flow through

a pipe and orifice (time constant for settling flow). Journal of Fluid Science and

Technology, JSME, 38(2):157–163, 1995.



/3/ S Washio, H Chen, and S Takahashi. Unsteady characteristics of non-linear pres-

sure loss in a flow through a restrictor. Journal of Fluid Science and Technology,

3(1):11–21, 2008.

/4/ N Johnston. Predication of hydraulic inductance. In Proc. of IMECE2002, ASME

International Mechanical Engineering Congress & Exposition, New Orleans, Loui-

siana, USA, November 17-22 2002.

/5/ K A Edge and J Darling. Cylinder pressure transients in oil hydraulic pumps with

sliding plate valves. Journal of Institution of Mechanical Engineers, 200(B1):45–54,

1986.

/6/ A L Dickinson, K A Edge, and D N Johnston. Measurement and prediction of power

steering vane pump fluid-borne noise. SAE Transactions- Journal of Passenger

Cars, 102(6):1753–1761, 1993.

/7/ M Pettersson. Design of Fluid Power Piston Pumps, with Special Reference to

Noise Reduction. PhD thesis, Division of Fluid and Mechanical Engineering Sys-

tems, Linköpings universitet, Sweden, 1995. Dissertation No. 394.

/8/ HOPSAN. Hopsan, a simulation package, user’s guide. Lith-ikp-r1704, Division

of Fluid and Mechanical Engineering Systems, Linköpings universitet, Linköping,

Sweden, April 1998.

/9/ H Ding, F C Visser, Y Jiang, and M Furmanczyk. Demonstration and validation of

a 3D CFD simulation tool predicting pump performance and cavitation for industrial

applications. In Proc. of FEDSM2009 ASME Fluids Engineering Division Summer

Meeting, number FEDSM2009-78256, Vail, Colorado, USA, August 2-6 2009.

/10/ P Larsson, J-O Palmberg, and K Weddfelt. Analysis and measurement of pressure

ripple of fluid power pumps. In Proc. of 8th IASTED International Symposium: Mea-

surement, Signal Processing and Control - MECA’86. Taormina, Italy, September

1986.

/11/ D N Johnston and K A Edge. Simulation of the pressure ripple characteristics of

hydraulic circuits. Proc. of the Institution of Mechanical Engineers, Part C: Journal

of Mechanical Engineering Science, 203:119–127, 1989.

/12/ P Krus, A Jansson, J-O Palmberg, and K Weddfelt. Distributed simulation of hydro-

mechanical systems. In Proc. of 3rd Bath International Fluid Power Workshop, Bath,

UK, September 13-14 1990.

/13/ K Weddfelt and M Pettersson. A general simulation program for flow ripple of axial

piston machines - an application program to HOPSAN. Tech. rep., Division of Fluid

and Mechanical Engineering Systems, Linköpings universitet, Linköping, Sweden,

1997.



/14/ R Werndin, A Johansson, and J-O Palmberg. A general model of a multi-

displacement machine - using tlm. In Proc. of 7th Scandinavian International Confe-

rence on Fluid Power, SICFP’01, volume 2, pages 115–130, Linköping, Sweden,

May - June 2001.

/15/ K Weddfelt. Measurement of pump source characteristics by the two-microphone

method. In Proc. of 2nd Tampere International Conference on Fluid Power, Tampere,

Finland, March 1991.

/16/ H E Merritt. Hydraulic Control Systems. John Wileys and Sons, Cincinnati, Ohio,

1967. ISBN 0-471-59617-5.

/17/ K A Edge and D N Johnston. The impedance characteristics of fluid power com-

ponents: relief valves and accumulators. Proceedings of the Institution of Mechani-

cal Engineers, Part I: Journal of Systems and Control Engineering, 205(I1):11–22,

1991.

/18/ J W S Rayleigh. The Theory of Sound, Vol. 2. London: Macmillan, 1945.

/19/ N Johnston. Prediction of fluid inertance in nonuniform passageways. ASME Journal

of Fluids Engineering, 128:266–275, 2006.

/20/ K K Lau, K A Edge, and D N Johnston. Impedance characteristics of hydraulic

orifices. Proc. of the Institution of Mechanical Engineers, Part I: Journal of Systems

and Control Engineering, 209:241–253, 1995.

/21/ L Ericson. On Fluid Power Pump and Motor Design - Tools for Noise Reduction. PhD

thesis, Division of Fluid and Mechantronic Systems, Linköpings universitet, Sweden,

2011. Dissertations No. 1417.

/22/ S A Heiser, J J Moskwa, and F J Fronczak. The design of low-inertia, high-speed

external gear pump/motors for hydrostatic dynamometer systems. In Proc. of SAE

World Congress, number SAE-2009-01-1117, pages 201–210, April 20-23 2009.

/23/ Y Jiang, M Furmanczyk, S Lowrey, D Zhang, and C-Y Perng. A three-dimensional

design tool for crescent oil pumps. In Proc. of SAE World Congress, number SAE-

2008-01-0003, Detroit, Michigan, USA, April 14-17 2008.

/24/ O Meincke and R Rahmfeld. Measurement, analysis and simulation of cavitation in

an axial piston pump. In Proc. of 6th International Fluid Power Conference, IFK’6,

volume 3, pages 485–499, Dresden, Germany, March 2008.

/25/ A K Singhal, M M Athavale, H Li, and Yu Jiang. Mathematical basis and validation

of the full cavitation model. Journal of Fluids Engineering, 124:617–624, September

2002.



6 Symbols

A Restrictor area [m2]

Cq Flow pressure coefficient [-]

c Length correction factor [-]

dh Hydraulic diameter [m]

L Hydraulic inductance [Ns2/m5]

le Effective length [m]

m Internal mass [kg]

p Pressure [Pa]

q Flow [m3/s]

R Resistance [-]

V Volume [m3]

x0 Fraction of free air [-]

z Number of pistons [-]

βe Effective bulk modulus [Pa]

βoil Oil bulk modulus [Pa]

γ Length correction factor [-]

κ Polytropic exponent [-]

ρ Density [kg/m3]
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